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ABSTRACT

Cycle modelling is a critical task for the selection of the
optimal power cycle configuration for a given nominal
operating point and application. With the current trend of
increased penetration of renewables in the electricity market,
there is increasing importance for a cycle to operate with a
high turn down whilst maintaining acceptable thermal
efficiency. Thus there is increased need for accurate models
for the on and off-design analysis of cycles. Through
evaluating cycle performance for changing output
requirements and changing ambient conditions it is possible
to identify configurations to optimise overall power
generation.

This paper presents the results of an investigation into
the off-design and part-load operation of the supercritical
carbon dioxide (sCO,) recuperated Brayton and
recompression Brayton cycle. The cycle model takes full
account of the operating and performance characteristics of
the turbomachinery and heat exchanger components and how
their performance is affected by changes in cycle operating
conditions. This is achieved by modelling the components
using physics based approaches or using experimentally
determined performance maps scaled to the current
applications.

The analysis shows that adjusting the compressor speed
is an effective way to modulate the cycle output power.
Without additional modifications of the compressors power
can be reduced down to 55%, while at the same time cycle
efficiency reduces by less than 2 percentage points. This
demonstrates the suitability of the sCO, cycles for
applications that require substantial operation away from the
design point, for example in applications that require load
following or extended part load operation. In contrast
reducing turbine inlet temperature is very detrimental to
cycle operation, leading to reduction in thermal efficiency of
approximately 1 percentage point per 20K.
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Analysis of the off-design operating points of the
turbomachinery components also reveals new insight towards
setting their nominal conditions and the desired shape of
performance maps.

INTRODUCTION

Thermal power conversion cycles, using supercritical
carbon dioxide (sCO,) were first proposed by Angelino
(1968). CO; has a critical point just above typical ambient
temperatures (31.10C), allowing the design of supercritical
Brayton cycles. Benefiting from the non-linear
thermophyscial properties of sCO,, these cycle achieve
thermodynamic efficiencies better than comparable steam
Rankine cycles at temperatures above 500-6000C as shown
by Dostal (2014). Turchi et al (2013) showed that with
appropriate enhancements, such as introduction of re-
compression, cycle efficiencies in excess of 50% can be
attained. Further benefits of the supercritical fluid are high
densities and low viscosities, which results in compact and
power dense components.

As part of the international effort to limit global
warming a concerted effort is underway to increase the use of
clean and renewable energy sources (United Nations 2016).
As a significant portion of the renewable energy sources are
intermittent (e.g. Photo Voltaic (PV) and wind) this has
created a demand for power systems that are despatchable
and that can operate across a wide range of output power
(Denholm 2011). Effectively, a system that can follow the
demand and quickly compensate for increases in demand or
decreases in energy provided from other renewables. Using
concentrated solar thermal + thermal storage + sCO, power
cycle is one of the solutions that addresses the
despatchability at a competitive cost (Aghaeimeybodi 2016).
In Australia the Australian Solar Research Institute (ASTRI)
is investigating such systems in the 1-25MW range as a
solution to provide electricity to rural communities (ASTRI
2012). A number of other sCO, power system demonstration
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projects are currently under way in the USA (Held 2014,
Moore et al 2015, Wilkes et al 2016). For applications in this
power range, specific speeds in the range 0.2 to 0.6 are
typical and radial turbomachinery is a preferred solution
(Balje 1962).

A key step during the design of any power system is
cycle modelling, which provides the ability to predict
performance and allows appropriate cycle operating
conditions (pressures, temperature, mass flow rates) to be
determined. These results then provide the starting point for
detailed component design. Cycle modelling is also applied
to investigate operation at off-design conditions. The
operation of sCO, power cycles with varying boundary
conditions, particularly compressor inlet temperature has
been investigated previously by a number of authors
(Duniman 2017, Sauret 2017, Luu 2017).

Currently a number of cycle modelling tools exist; either
those taken from the process industry, i.e. ASPEN, IPSEPro,
or those developed specifically for power systems (NPSS,
2017). A further tool is the Steady State Cycle AnalyseR
(SSCAR) developed at the University of Queensland (Jahn
2017¢c). A key capability of SSCAR is the incorporation of
turbomachinery performance maps. This allows the tool to
predict how the respective operating points are affected by
changes in cycle boundary conditions.

The aim of this paper is to presents results from an
analytical investigation using SSCAR to provide new insight
towards the off-design performance of sCO, Brayton cycles
and to show that they are able to operate at high turn down
ratios (reduction in output power), while maintaining high
thermal conversion efficiencies. At the same time the work
highlights how the operating point of the turbomachinery
components is affected by off-design operation, which is
useful insight in regards to setting the nominal design point
in order to maximise performance retention and to maximise
the operating range.

In the next section the approach employed to model the
sCO; cycles and the cycle components is described. This is
followed by a brief investigation assessing the off-design
performance of a recuperated sCO, Brayton cycle to
illustrate the operation. As the main part of the paper two
sCO, recompression cycle configurations with different
assumed cycle efficiencies are investigated to illustrate their
off-design operation and performance.

METHODOLOGY

In order to more completely investigate the off-design
performance of power cycles, the Steady State Cycle
AnalyseR (SSCAR) was created (Jahn 2017c¢, Jahn and Keep
2017). SSCAR consists of a main solver and a library of
standard thermodynamic components that are linked to form
cycle configurations that are analysed for varying boundary
conditions (e.g. temperature of heat source and heat sink) and
different cycle operating conditions (e.g. shaft speed).
Currently the following components are modelled: Turbine,
Compressor, Heat Source/Sink, Recuperator, Merge, and
Pipe.

To allow on and off-design performance evaluation, of a
given cycle configuration all the components are modelled
using physics based relationships or performance maps. The
software uses the fluid property database CoolProp to obtain
appropriate sCO, thermophysical properties (Bell et al 2014).
The following sections describe the individual component
models.

Compressor

A particular advantage of the sCO, cycle is that the
working fluid can be compressed near the critical point in the
supercritical fluid region. Here the non-linear thermophyscial
properties allow efficient compression. These effects must be
considered when designing and modelling the performance
of compressors. To facilitate efficient cycle evaluation the
sCO, compressor are modelled using a pre-defined
performance centrifugal compressor maps, as shown in Fig.
1, which relates shaft speed, enthalpy rise, and isentropic
efficiency at a reference condition.
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Figure 1: Operating Map for Compressor at
reference condition, showing corrected mass flow
rate and enthalpy increase.

To account for operation at inlet conditions away from
the reference condition, mass flow rate, speed, and enthalpy
rise are converted to corrected conditions using the
relationships from Glassman (1972).

) . [ Peorr
Meorr = M (; Ver) ;:n € (1)
Neorr = N Ve, (2)
heorr = R Ver, (3)

where V. and € are a specific heat ratio parameter and
scaling  parameter  respectively, as  defined in
Glassman(1972). As V,, and € incorporate specific heat ratios
Yin and Yo this approach also accounts for fluids with
non-ideal properties.

When solving the compressor performance, the mass
flow rate and rotational speed are first used to find
corresponding enthalpy rise from a performance map. Next



using mass flow rate and enthalpy rise the corresponding
efficiency is obtained from the second map. With enthalpy
rise and efficiency values, the compressor exit conditions are
evaluated using isentropic relations.

Published performance data exists for centrifugal
compressors designed by Wright et al (2010) and Clementoni
(2015). For the current paper these maps have been scaled in
regards to mass flow rate, enthalpy rise, and efficiency to
achieve the desired compressor design points. As primary
factors (stage Mach number and pressure ratio or specific
speed) can be maintained through appropriate geometry
selections, the scaled maps are representative. Some changes
in performance (map shape) are expected due to change in
Reynolds number, but these are generally secondary
(Whitfield 1990). Thus wusing these experimentally
determined maps for centrifugal sCO, compressors will be
representative of larger compressors designed in the future.

Turbine

For the power range (/-25MW) considered in this paper,
radial inflow turbines are a plausible solution. The
performance of these turbines can be characterised by two
relationships relating mass flow rate and expansion ratio and
efficiency and spouting velocity as shown in Fig.2
(Whitfield 1990, Glassman 1972).

Massflow Parameter A Efficiency Operating Line
(normalised) O Design Point

10+

125 +

o
1
-—
paads
Suiseasnu)
o
)
!

0.4+

Speed Contours
0.25 -+ Q Design Point 02

—H—t—t—t—t— - f——t Attt
04 06 08 10 12 14 Expansion Ratio 02 04 06 08 10 1.2 Velocity
(normalised) Ratio
(a)

(b)
Figure 2: Maps of mass flow parameter (a) and
efficiency (b) for radial inflow turbine.

Thus the performance of a radial inflow turbine can be
estimated by first calculating the mass flow parameter and
equivalent speed
Tin

MFP = 1 8, )

in

= /L
Neq =N Tdesign. (5)

Then by using an appropriate map as shown in Fig. 2(a) the
corresponding expansion ratio can be established. Next the
isentropic relationships can be used to determine the spouting
velocity and velocity ratio
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Using the velocity ratio, the isentropic efficiency can be
obtained using the relationship in Fig. 2(b) and actual turbine
performance parameters can be calculated using the
corresponding isentropic relationships. As sCO, turbines
typically operate away from the critical point, these ideal gas
based relations can be used without introducing significant
errors.

For the current study, the turbine performance maps are
based on data from a study by Hiett and Johnston (1963),
who published geometries and performance maps for a range
of radial inflow gas turbines developed and tested by
Ricardo & Co. The A70 turbine design has been selected for
the present study due to its geometric similarity to power
generation turbines, and similarity in pressure ratio and stage
Mach number to the turbines employed for sCO,
demonstrations. Similar to the compressor, the design point
of this turbine has been scaled to match the desired cycle
operating conditions. This will introduce some absolute
errors, however the trends in how a radial turbine responds to
changes in speed, mass flow rate, and inlet conditions will be
conserved.

Heat Source, Heat Sink, Recuperator

A common method of modelling the performance of
heat exchange systems is to use the overall heat transfer
coefficient, U, which allows the heat transfer to be calculated
as

Q = U Ay AT, (8)

where Ap is an effective area and AT is a representative
effective area and a corresponding temperature difference.
By using multiple axial slices (see Fig. 3) this approach
approach can be accurately used for fluids with changing
thermal properties and to assess the total U A4 required to
achieve a given heat exchanger effectiveness. However, this
approach is opaque in regards to identifying the underlying
physical effects that drive heat transfer. As such it is not
suitable to identify the change in performance of a given heat
exchanger arrangement (geometry and size) as boundary
conditions for the heat exchanger (temperature, pressure,
flow rates) are altered. Being able to capture these effects is
essential for off-design performance modelling.
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Figure 3: Heat Exchanger Model
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To address this, the heat exchangers are modelled using
the approach and software developed by Jahn (2017a,b).
Similar to the effective heat transfer approach the heat
exchanger is split into multiple axial slices, as shown in
Fig. 3, so that quasi constant thermo physical properties can
be assumed. Heat transfer in the cross channel direction is
then calculated by solving the following set of simultaneous
equations

q = Ap h(Th — Thwanr), ©
k

9 =Aw 7 (Tawau = Tewan), ~ (10)

q=A4. hc(TC,wall - Tc)' (11)

where A, and A, are the local heat transfer coefficients for the
h and c channel respectively and A4,, A4,, and A, are the
corresponding heat transfer areas. The model also considers
thermal conduction in the axial direction both in the fluid and
the wall. Using appropriate parameters for geometry and
empirical Nusselt number correlation to obtain heat transfer
coefficients this approach can accurately capture the
performance of heat exchangers across changing operating
conditions.

For the current study the recuperator is taken to be a
printed circuit heat exchanger (PCHEX). These have proven
to operate well at the higher temperatures and pressures of
sCO2 systems as tested by CSIRO (private communications).
For modelling their geometry is approximated as shown in
Fig. 4, and the heat transfer correlation for sCO, by Lia and
Zhao (2002) is wused. Work by Bone (private
communications) shows that this approach accurately
captures performance of a sCO, PCHEX performance with
temperature errors of less than /K across multiple operating
conditions.

To allow a more direct comparison of the cycles, the
current study assumes that the heat source and heat sink heat
exchangers are sufficiently large so that constant working
fluid outlet temperature can be attained by controlling the
heat source or heat sink mass flow rates

Solution Process

The operation of cycles at steady state operating points
is evaluated using the SCARR, Jahn (2017¢) and Jahn and
Keep (2017), which uses non-linear optimisation to solve
equations of the form:

meig(A x+Y)?, where Y = F(x) (12
X

where x defines the state points in the cycle (pressure,
temperature, mass flow rate), F defines the non-linear
functions capturing the component behaviour, and A4 is a
matrix defining additional constraints to ensure a unique
solution exists. For the cycles in this paper an additional
constraint is that the compressor inlet pressure is fixed to
9MPa. In practice this would be achieved by employing an
appropriate inventory control system. In addition, for the
recompression cycle the exit pressures of the two fluid
streams joining at the merge are constrained to the same
value.

The results from this optimisation process is a set of
cycle operating conditions (pressures, temperature, flow
rates) that match at the interfaces between all the cycle
components. Using the current components models the
effects of changing external conditions (e.g. shaft speed) are
captured by changing the working line of the compressor or
turbine, which is then automatically matched to the rest of
the system. Currently the detrimental effect of supporting
systems (sealing, cooling systems) is not considered.

RESULTS AND DISCUSSION

To illustrate the operation of SSCAR and to build an
understanding of the part-load operation of sCO, power
systems, this work first considers a recuperated Brayton
cycle, before investigating the more complex recompression
Brayton cycle.

Recuperated Brayton Cycle

The configuration of a recuperated Brayton cycle is
shown in Fig. 5 and the operating conditions at the design
point are summarised in Tab. 1. The recuperator is modelled
as a PCHEX with a matrix of 7100x400, 1.6mm diameter
channels in parallel and a length of /.6m. The compressor
model is scaled based on the data from Wright et al (2010)
and the turbine on the Ricardo A70 (Hiett and Jonston 1962).
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Figure 5: Recuperated closed loop Brayton cycle.

Table 1: Nominal design point for recuperated sCO,
Brayton cycle (configuration R0)

Parameter Value Parameter | Value
Tso [K] 883 Tsi [K] 305

P Compressor | 8.5 Pressure 2.35
Inlet [MPa] Ratio

Nc 62% Nt 80%
N¢ 1.0 Nr (fixed) | 1.0
Meyele [KE/5] 10.22

To illustrate the effect of varying external conditions on
cycle performance, the following five cases are investigated:
(A) Nominal; (B1/B2) source temperature reduced by /00
and 200K; and (C1/C2) compressor speed reduced to 0.925
and 0.85. For all cases the turbine speed is kept constant,
corresponding to operation with a synchronous generator.
The temperature entropy diagram of the resulting cycle is
shown in Fig. 6 and the corresponding recuperator
temperature profile is shown in Fig. 7.
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Figure 6: Temperature - entropy diagram for
recuperated Brayton cycle (Case R0.A)
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Considering these, the importance of efficient
recuperation to ensure efficient cycle operation is
highlighted. In the proposed cycle the energy exchanged in
the recuperator is 5612kW, compared to a heat addition of
only 2547kW. Likewise Fig. 7 highlights the pinch-point
created by the non-linear properties of sCO,, which result in
a temperature difference of almost /00K, which potentially
could be recuperated.

At the design point the recuperated Brayton cycle has a
thermal conversion efficiency W,/ Q; of 35%, which is
0.53 of the Carnot efficiency. A +/-10 percentage point
change in compressor and turbine efficiency would change
this by +/-2.2 and +/-4.4 percentage points respectively, as
outline by Brun et al. (2017). The comparatively smaller
effect of the compressor is to some extend due to the change
in compressor exit temperature. A low efficiency compressor
(higher exit temp) moves the recuperator pinch point to the
left (see Fig. 7) and allow the temperature difference at the
recuperator exit to be reduced.

The changes in cycle performance for off-design
operation are summarised in Tab. 2 and the corresponding
compressor maps and turbine showing the shift in operating
points are shown in Fig. 8.

Table 2: Recuperated Brayton cycle, performance
parameters as a function of operating conditions
RO.A R0.BI R0.B2 RO.C1 RO0.C2
Parameter (Trin= (Trin= (Nc= (Nc=
783K) 683K) 0.925) 0.85)

Mg [ke/s] | 1022 1047 1107 868  6.89
P; [MPa] 200 1994 1986 1821  16.32

Q [kW] 2547.1 24323 22854 20132 1438.3
We [kW] 2371 2417 2455 1737 1183
W [kW] 1127.7 997.1 8338 8554  570.6
W [kW] | 890.6 7554 5883  681.7 4523
Neyele [%] 350 31.1 25.7 339 314
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Figure 8: Maps showing the operating points of the
compressor (a) and turbine (b) for the recuperated
Brayton Cycle (configuration R0)

Considering the reduction of turbine inlet temperature, a
small increase in turbine mass flow rate is observed.
However, this increase is outweighed by the reduction in
temperature, resulting in a reduction in mass flow parameter
and pressure ratio. This is matched by the compressor, which
experiences a slight reduction in enthalpy (pressure) rise.
Overall these effects are small as shown in Fig. 8.
Nevertheless, the impact of the temperature reductions is
significant, leading to 4 and 9 percentage point efficiency
reductions in cycle efficiency for /00 and 200K reductions in
turbine inlet temperature respectively.

When the compressor speed is reduced, a significant
drop in cycle mass flow rate is observed, as shown in Tab. 2.
At reduced mass flow rate operation, the compressor
operating points shifts towards the surge line, resulting in
reduced compressor efficiencies and enthalpy (pressure) rise.
The resulting reduction in turbine inlet pressure causes
moves the turbine operating point to a lower mass flow



parameter and pressure ratio. However, as spouting velocity
is only a weak function of inlet pressure (see Eqn. (6)), the
effect on turbine efficiency is minimal as shown in Fig 8(b).
Consequently, cycle efficiency remains a 33.9% and 3/.4%
for the respective cases, while at the same time cycle output
is reduced to 77 and 5/% of nominal. This highlights the
ability of the sCO, Brayton cycle to operate at part-load
without experiencing significant drop offs in efficiency. For
the current cycle configuration is limited to §5% compressor
speed, before the compressor runs into surge. However this
operating range could be extended either by shifting the
nominal compressor operating point or by the introduction of
compressor inlet guide vanes to extend the operating map.

Recompression Brayton Cycle

Currently one of the most promising sCO, cycle
configurations is the recompression cycle, shown in Fig. 9.
Cycle studies by Turchi at al. (2013) showed that this cycle
configuration can attain thermodynamic efficiencies in
excess of 50%. While more efficient cycle configurations are
feasible (e.g. through introduction of reheat or intercooling),
the trend is that the thermodynamic gains are generally
outweighed by the added complexity, especially when
considering small cycles (<25MW). The recompression cycle
is realised through the introduction of a re-compressor (RC),
and an additional recuperator. This configuration allows the
mass flow rate in the cold channel of the low temperature
recuperator to be reduced, thereby mitigating the effect of the
pinch point that limits recuperation in the Brayton cycle
discussed previously.
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On-design (Nominal) Performance

To investigate the on and off-design performance of the
recompression cycle, two configurations are considered.
Configuration R1 uses the turbomachinery efficiencies
proposed by Turchi et al. (2013), which are based on works
from Dostal (2004). Configuration R2 wuses reduced
efficiencies, based on the data presented by Brun et al
(2017), Clemetoni et al (2015), McDowell et al (2015), US
Department of Energy (2015), Wilkes et al (2016) and
Wright et al (2010), which are likely to be achieved in first
sCO, demonstrations. For both recompression cycle
configurations the turbine inlet temperature has been set to

610°C and the nominal output power to 25MW, which is
deemed to be near the limit for radial turbomachinery. In
both cases identical printed circuit heat exchangers are used
with a matrix of 100600, I.6mm diameter channels. The
length of both recuperators is 7m. The performance maps of
the compressors and turbine are again based on the maps
from Wrigth et al (2010) and Hiett and Johnston (1963), but
scaled both with respect operating conditions and efficiency.
The remaining parameters defining the cycle and nominal
operating point are summarised in Tab. 3.

Table 3: Recompression Brayton cycle. Operating

conditions and performance at design point.

Configuration R1 R2
my [kg/s] 263.1 262.8
Trin [K] 883 883
Ts; [K] 307 307
Prin [MPa] 19.97 19.95
Pcin [MPa] 9.0 9.0
Split 0.70 0.70

(tigsc /Thr)
Ny [-] 1.0 1.0
Nre [-] 1.0 1.0
Nr (fixed) [-] 1.0 1.0
Nmc [%6] 89 % 83%
Nre [%0] 89 % 80%
Nt [%] 93 % 85%
Neyele [%0] 472 42.8%

The two cycles are nominally the same, however the
reduction in turbomachinery efficiencies results in a 4.4
percentage point cycle efficiency penalty. Discrepancies in
cycle efficiency between R1A and the data presented by
Turchi (2013) arise from the different modelling approach
and sizing of the heat exchangers and their respective
pressure drops.

The pressure and temperature conditions for case R1A
are overlaid on a temperature entropy diagram in Fig. 10.
This highlights the respective operating conditions of the two
compressors. At these conditions the energy exchanged in
the low and high temperature recuperators is 24./ and
120.8MW respectively. The cycle also experiences a
mismatch in fluid temperature at the merge between the fluid
exiting the re-compressor and the low temperature
recuperator of /5K. The result of the mixing process is that
the fluid entering the high temperature recuperator is slightly
hotter. Further optimisation of the respective recuperator
sizes is desirable to establish the ideal temperature difference
at the merge, as the mixing process can augments the
operation of the high temperature recuperator.
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Off-design Performance

When considering the off-design operation of the
recompression cycle the merge is a key feature, as it matches
the outlet pressure of the two compressors. As the main
compressor and re-compressor have different performance
maps this results in a shift of the mass flow rate split
(myc/myr) with changes in cycle operation. Effectively
without an additional variable to control the performance of
on or both compressor (e.g. independent speed control or
variable inlet vanes) the mass flow split varies.

Table 4: Recompression cycle configuration R1,
performance parameters
RI.LA  RI.B RI.ClI RI.C2

Parameter (Ttin (Nc = (Nc=
=700 0.925) 0.85)
K)
my [kg/s] 263.1 274.8 230.1 197.8
Prin [MPa] 19.97 19.73 18.32 16.90
. . 0.70 0.70 0.67 0.66
Myc/my

ATyterge [K] 150 239 132 114
Q(in) [MW] |522 459 415 32.7
Wiic [MW] 313 3.8 226 1.61

e [%] 89.0  89.0 87.9 86.4
Wre [MW] 305 3.7 2.53 1.94
Nre [%] 89.0  89.0 89.0 87.7
W1 [MW] 30.8 238 242 18.5
Nt [%] 922 898 922 91.2
Woet [MW] 247 174 194 15.9
Neyete [%] 472 380 468 45.9

To provide the insight towards the operation of the
recompression cycle at off-design conditions, conditions are
simulated corresponding to a reduction in turbine inlet
temperature to 700K (case R1.B/R2.B) and reductions in
rotational speed of both compressors to 0.925 and 0.85 (cases
R1.C1I/R2.C1 and R1.C2/R2.C2). The resulting key cycle
performance parameters are listed in Tab. 4 and 5.

Table 5: Recompression cycle configuration R2,
performance parameters
R2.A R2B R2.Cl R2.C2

Parameter (Ttin= (Nc= (N¢=
700 K) 0.925) 0.85)

my [kg/s] 262.8 274.6 229.7 189.2
Prin [MPa] 19.95 19.73 18.30 16.54

. . 0.70 0.70 0.67 0.62

Myc/My

AT perge [K] 18.9 24.6 11.8 3.22
Qi [MW] 48.3 42.8 384 27.6
Wue [MW] 33 34 2.4 1.6
Numce [%0] 83 83.0 82.0 76.9
Wre [MW] 35 3.6 2.8 2.2
Nre [%] 80 80.0 79.9 78.8
Wr [MW] 27.5 21.2 21.5 15.2
M. [%] 82.26 80.2 82.3 80.9
Wiet [MW] 20.7 14.2 16.3 114
Neyele [%0] 42.8 332 42.4 41.4
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Figure 11: Maps showing the operating points of
the compressor (a) and turbine (b) for the
recompression Brayton Cycle (configuration R1)

Comparing these data, it is evident that the observed
trends for both cycle configurations are nearly identical,
albeit the cycle with the lower efficiency components shows
a reduction in output power from 24.7 to 20.7MW. The
reduction in efficiency is less significant as the reduced
efficiency components allow increased recuperation, which
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manifests in a reduction of input power, Q;,, from 52.24 to
48.3MW. The results are cycles with thermodynamic
conversion efficiencies of 47.2 and 42.8 % respectively.

The effect of reducing turbine inlet temperature to 700K
is near identical in both cases. Similar to the recuperated
cycle, mass flow rate increases slightly. As conditions at the
compression end of the cycle remain almost the same, only a
minor shift exists for the compressor operating point is
observed, as shown in Fig. 11(a). For the turbine, the
reduction in inlet temperature causes a shift to a lower
equivalent speed. The corresponding change in velocity ratio
causes an approximately 2.3 percentage point reduction in
turbine efficiency. However, as turbine work output, Wr,
decreases rapidly with inlet temperature, a significant
reduction in net work output is observed. The effect of
reducing turbine inlet temperature is that cycle efficiency
drops by 9.2 and 9.6 percentage points for configurations R1
and R2 respectively.

The impact of reducing the rotational speed of both
compressors is much more favourable for cycle efficiency.
Similar trends are observed for both cycle configurations.
The reduction in compressor speed causes a reduction in
cycle mass flow rate and pressure ratio. The effect of this on
turbine efficiency is minimal, as the spouting velocity is only
weakly affected by the inlet pressure as shown in Fig. 11(b).
Different effects are observed for the two compressors. In
both cases operating points shift towards the surge line as
shown in Fig. 11(a). This is caused by a shift in split ratio
Myc/Mr, which sees an increased portion of the mass flow
passing through the re-compressor. In relative terms the re-
compressor mass flow increases from 30% to 34% and 38%
for cycle configurations R1 and R2 respectively. The
consequence of this is that the main compressor moves away
from the optimum efficiency operating point more rapidly.
Consequently, the main compressor efficiency drops by
approximately 3-6 percentage points, whereas the re-
compressor efficiency only drops by approximately /.2-1.3
percentage points. However, the net effect on overall cycle
efficiency is small. This is the case as power input to
compressor and power output from the turbine decreases
proportionally. The reductions in cycle efficiency for 0.925
and 0.85 compressor speeds are (.4 and approximately /.2
percentage points for the respective cycle configurations. At
the same time output power is reduced to 78 and 65% for the
high efficiency component configuration R1 and to 78 and
55% for the lower efficiency component configuration R2.
This highlights that the sCO, recompression cycle is even
better at part-load operation than the recuperated Brayton
cycle presented earlier in this paper.

Currently the maximum turn-down is limited by the
main compressor operating point approaching the surge line.
This can be avoided through the introduction of variable
compressor geometries or through independent speed control
of the main and re-compressor, which allows control of the
mass flow rate split between the two compressors.

The analysis of the recompression cycle, both with near
optimal component efficiencies and reduced component
efficiencies that are more typical for small cycles has shown

that the cycle experiences a rapid decline in thermodynamic
efficiency when the energy supply and thus the turbine inlet
temperature is reduced. In contrast compressor speed is an
efficient approach to modulate output power. Using the
compressor speed alone, without any additional changes to
the system allows the net power output of the cycle to be
halved. At the same time thermal conversion efficiency
reduces by less than 2 percentage points. This trend arises
due to the high levels of recuperation employed, which
ensures that thermal energy is recovered. This highlights the
suitability of the sCO, recompression cycle for applications
that substantially operate away from the nominal design
point. As such the simple recuperated Brayton cycle and
even more so the recompression Brayton cycle are highly
suitable for island grid or fringe of grid applications, or
applications in networks with a high penetration of PV and
wind. In such settings the sCO, cycles can perform a load
following role across a wide range of output power, while
minimising usage of the energy resource. This can be
especially advantageous in applications using thermal storage
as the hear source (e.g. concentrated solar thermal) as it
allows the storage size to be kept small.

The results presented herein are based on scaled
experimental data from similar radial compressors and
turbines. However, as the underlying effects that cause losses
are invariant the general shape of performance maps will
remain. Thus trends presented herein will continue to apply.

Future work, once the confidence of numerical
simulations of sCO, devices has been established will seek to
replace these empirical maps, which appropriate numerical
ones.

CONCLUSIONS

Numerical models for an 890kW recuperated sCO,
Brayton cycle and two variants of a 25MW recompression
sCO, Brayton cycle have been presented. These cycle
models use scaled experimentally determined performance
maps to capture the operation of the centrifugal compressors
and radial inflow turbines. The heat exchangers are modelled
using physics based approximations using appropriate
Nusselt number correlations. Using this performance map
based approach allows model boundary conditions to be
perturbed and the corresponding changes in cycle operation
to be investigated.

Numerical experiments have revealed that changing
compressor speed is an effective way to modulate the cycle
output power. For the various cycles reducing the
compressor speed to 85% of nominal results in a power
reduction to approximately 55% of nomincal. However, at
the same time the cycle efficiency only reduces by 1.4 and
3.5 percentage points for the recompression and recuperated
sCO; cycles respectively. This highlights the ability of the
sCO; cycle to operate across a wide range of output power
while maintaining a high output efficiency. In contrast
reducing the source or turbine inlet temperature leads to
significant reductions in cycle efficiency (approximately 9
percentage points for a /80K reduction) and is not suitable
for output power modulation.



This confirms the desirable requirement to operate sCO,
cycles from a near constant temperature heat source. It also
highlights the ability of the cycle to be used for applications
that require substantial operation at reduced output power.
Here the cycle excels as it can operate across a wide power
range with only minimal changes in efficiency.

NOMENCLATURE
A —area [mz]
h — heat transfer coefficient [W m? K]
k — thermal conductivity [W m™ K™!
m — mass flow rate [kg/s]
N — Rotational speed (normalised) [-]
P — Pressure [MPa]
Q — heat flux [kW/MW]
T — temperature [K]
W — work [kKW/MW]
1 — efficiency [%]

Subscripts

C — Compressor

¢ — heat exchanger cold channel
h — heat exchanger hot channel
MC — Main compressor

RC — Re-compressor

Si— Heat sink

So — Heat source

T — Turbine

w —wall
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